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The dynamic response of a helicopter planetary gear system is examined over a wide
range of operating speeds and torques. The analysis tool is a unique, semianalytical finite
element formulation that admits precise representation of the tooth geometry and contact
forces that are crucial in gear dynamics. Importantly, no a priori specification of static

transmission error excitation or mesh frequency variation is required; the dynamic con-

tact forces are evaluated internally at each time step. The calculated response shows
classical resonances when a harmonic of mesh frequency coincides with a natural fre-
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guency. However, peculiar behavior occurs where resonances expected to be excited at a
given speed are absent. This absence of particular modes is explained by analytical
relationships that depend on the planetary configuration and mesh frequency harmonic.
The torque sensitivity of the dynamic response is examined and compared to static analy-
ses. Rotational mode response is shown to be more sensitive to input torque than trans-
lational mode respons¢S1050-047200)00403-7

published. In fact, comprehensive planetary gear dynamic re-
sponse analyses are notably lacking in the literature. While the

esent work is still subject to a number of modeling idealizations,

allel shaft gear systems. They progjuce .h'gh speed reduct_lon HE modeling has higher fidelity representation of the dynamic
compact spaces, greater load sharing, higher torque to We'gmé%itations and tooth contact mechanics than published models. In
tio, diminished 'bearlng '0'?‘0'5 anq reduced fnoise and V'brat'otﬂis regard, the presented results provide a benchmark for further
They are used in auto_moblles, hellcopt_ers,_alrcraft engines, _he elopment of planetary gear dynamic models.
machinery, and a variety of other appll.cathns. Despite their ad-Tne |iterature on planetary gear mechanics emphasizes highly
vantages, the noise induced by the vibration of planetary gegtalized lumped parameter modeling wherein the gears are rigid
systems remains a key concern. In helicopters, for example, caljies interconnected by springs representing meshing teeth and
noise exceeding 100 dB is dlreptly traceable to the last stage p'%ﬂ'pport bearings. For free vibration analyses, [§e€f]. Kahra-
etary gear mounted to the cabin. _ man[7,8] used two- and three-dimensional models to examine the
Planetary gears have received considerably less research alfgiramic response of both time-invariant and time-varying repre-
tion than single mesh gear pairs. There is a particular scarcity Qfntations. Velex and Flamariél] used lumped modelin§10]
dynamic responsealculations. The purpose of this work is toand a Ritz approach to examine the dynamic response induced by
characterize the dynamic response of a planetary gear system m@sh parametric excitations. In all these studies, the gear bodies
der a wide range of operating conditions. The analytical technigege represented using lumped parameter models. \atoused
combines a unique, semi-analytical finite element approach wighnon-linear finite element model of a planetary gear system to
detailed contact modeling at the tooth mesh. This approach wasgculate stresses, strains and deformations in the gear bodies un-
specifically developed to examine the mechanics of preciselyer static loading; dynamic response is not considered. Gradu
machined, contacting elastic bodies such as gears. The sestial.[12] used a finite element model to obtain the dynamic re-
analytical finite element formulation does not require a highlgponse of various planetary gear systems with different planet
refined mesh at the contacting tooth surfaces. This dramaticadlyacings. The dynamic excitation, which is typically not well-
reduces the computational effort and allows calculation of thenown, must be specified externally in that model.
dynamicresponse at a sufficient number of time steps to study the
response in the frequency domain. In contrast, the need for ex-
tremely refined gear tooth meshes limits conventional finite ele- rinite ElementContact Mechanics Model
ment analysis to static analyses and free vibration eigensolutions. ) . ) o
The current analysis provides a more accurate and comprehensivéhe sun gear speed is specified and the nominal rigid body

study of planetary gear dynamic response than is reasonably pg&fions of the components are determined according to basic

sible, or has been conducted, with conventional finite elemepignetary gear kinematics; the calculated outputs are the compo-
analysis. nent vibrational motions superposed on this large motion. The
Experimental measurement of planetary gear dynamic respoR§ilysis isnot of a single, fixed configuration; the teeth continu-
under operating conditions is difficult due to the limited acce<d!SIy enter and exit contact at each mesh as the gears rotate, and
and multiple moving bodies. As a result, few benchmark expe he resulting dynamic forces are computed by a thorough contact

mental results suitable for dynamic model validation have be@lysisit is not necessary to externally specify the time-varying
mesh stiffness and mesh contact forces as they are evaluated in-

ternally at each time steprhese internally calculated quantities

Contributed by the Power Transmission & Gearing Committee for publication i%ompnse the complete dynamic excitation. This contrasts sharply

the DURNAL OF MECHANICAL DESIGN. Manuscript received May 1999. Associate With typical gear models that require a priori specification of the
Technical Editor: R. F. Handschuh. mesh stiffness variation and static transmission error as the dy-

1 Introduction
Planetary gears yield several advantages over conventional
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Fig. 1 Contact region division into inner and outer regions

namic excitations. Such methods are difficult to apply in planetary
gears because these fundamental dynamics excitations are difficuftig. 2 Finite element mesh for the planetary gear system
to measure or estimate.

The geometric surface description of the meshing teeth must ilg
very precise for gear applications. Additionally, the contact regiq
is narrow and travels over the entire tooth surface. Conventio
finite element analyses require a prohibitively refined mesh
address these problems when one seeks dynamic response.
current model addresses these issues by using a combinatiogtp s
the Bousinesq solution for a point load acting on a half-space a
traditional finite element analysis to exploit the advantages gﬂ
each[13].

The approach relies on a division of the tooth into inner a

epossible with a relatively coarse mesh, i.e., a side of the tooth
rface is modeled precisely using just seven elem@ts 2).
ur-noded, linear finite elements are used for the carrier and
ctions of the gear bodies not on the tooth surface.

contact analysis at each time step determines the contact

ses and the deformation of the gear bodies. The deformations
d load distributions under dynamic conditions are obtained by

lving the matrix equation of motioMX+Cx+Kx=f. M, C

dK represent mass, damping and stiffness matrices for the sys-

outer regions where each solution appli€ig. 1). In brief, the m. A constant external sun gear torque acting on the system is

. . . included in the form of an external forcing vectbr Structural
Bousinesq solution and contact forces are integrated over

tooth contact region like a Green’s function to accurately repre- mping is idealized as proportional viscous damping. The uncon-
. reg ) . . y rep itionally stable Newmark method is used for time integration of
sentrelative displacements in an inner region close to the too

surface, though absolute displacements will not be accurate b equations of motion with 141 time steps per tooth mesh cycle.
! 9 P ntact constraints are imposed on the discretized matrix equa-

cause of overall tooth bending about the root. Outside the imm['iedns, and the system is solved by the simplex algorifi#. The
diate vicinity of the contact zone, finite element analysis effe%’implex algorithm is widely used to solve linear and quadratic
tively models the elastic body response, including gro ogramming problems

deflections assaciated with tooth bending. The Bousinesq and ro experimentally validate the formulation described above, a
nite element solutions are matched along an interface close to %arate study was conductEts] to examine the dynamic re-’
tooth surface to yield a solution accurate in both the inner alBonse of a spur gear pair. The results were remarkably consistent

outer regions. The matching surface is chosgsufficiently far - : ; . g
from the tooth boundaries so that the finite domain does not aff%vl%t: Seé?e;mﬁgtea; rmjiiqsgr%rﬁ:rzﬁcﬁég;dgﬂggsﬁ);;?ggmqgrneig'Creso_

the inner region relative displacements, andsBfficiently far nances.

from the contact surface that the outer region finite elements can- " mesh for the Army OH-58 Kiowa helicopter planetary gear

accurately capture the reduced strain gradie.n"[s away from the “B%d throughout this study is shown in Fig. 2. The parameters are
tact zone. The inner half-space and outer finite element solutio Sen in Table 1. and pictures are provided['&ﬂ] The inner

are matched as follows to yield the total displacement in the inn cles of the sun, planet, and carrier meshes and the diamond

region shapes of the carrier represent rigid bearing races restrained by
Uinne ) =[Uns(r) — Ups(a) ]+ Use(Q) (1) isotropic, linear bearing springs of stiffness 8780° N/m

The bracketed term on the right-hand side is the relative displaé .5x 10° Ib/in). Translation and rotation of these races represent
ment of an inner point with respect to a poing on the matching e overall gear V'br"’.‘t'ons and are the quantities presented subse-
surface; it is evaluated using the integrated half-space soluti&’t’.eﬂrglrﬁ ;&ecgﬂtgggrg% ?ﬁ?ﬁg';\%g;rﬁggé r?;er%og;%\lﬁgga;”
The second term is evaluated using conventional finite eleméfP

analysis. The displacements of points in the outer region are of5ars have a facewidth of 25.4 nin). Light bearing viscous

tained purely from finite element analysis. The result is a con-
tinuum approximation in the localized contact region and a finiteable 1 Gear data for the Army OH-58 Kiowa planetary gear-
element discretization over the remainder of the body. The rest

markable advantage for gear dynamics is that the meshes do not
require unusual refinement near the tooth surface to capture the Gear Data Sun Ring Planet
contact mechanics and steep strain gradients.

Furthermore, the tooth surface geometry is not specified by Number of Teeth il » 3
conventional element edges. Rather, special finite elenjéBis Base Circle Diam. (mm) 70.40 258.1 91.96
which allowC! continuous representation of the tooth surface are
used for elements on the contacting tooth surfaces. The shape| Inner/Major Diam. (mm) | 57.15/84.07 73.66/105.0
functions for these special elements are defined using Hermite Outer/Minor Di
polynomials whose coefficients are chosen such that the tooth | 2uter/Minor Diam. (mm) 304.8/2718
surfaces are represented to arbitrary precision within prescribed Root Diam. (mm) 70.55 284.1 91.54
tooth surface tolerances. This is essential as precise tooth surface
definition is critical when one seeks dynamic response. Because | Pressure Angle (deg) 24.60 20.19
the tooth surface geometry isot defined by the conventional
. . Module (mm) 2.868 2778
finite element nodes, accurate representation of the tooth surface
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damping is specified to minimize the computational effort re-Table 3 Natural frequencies of the four planet gear system

quired to attain steady state dynamic response. All gears are s Nataral B ode T

spur gears with Young's module207x 10° N/m?, density | e o e

=7595 kg/rﬁ, and Poisson’s ratie 0.3. The teeth are unmodified (Hz) Translation | Rotation | Planet | Translation | Rotation | Translation
from perfect involutes. Two different systems .having either thre Computational Model s 1142 | 1720 1676 1723 2110
or four planet gears are examined; the sun, ring and planet g

are identical in both configurations. While the planets are equal| _#uelytical Model 769 1156 | 16% | 1me 178t s
spaced for the three planet case, those in the four planet case| piserence (%) 12 -10 2.3 2.0 -33 -3.0

unequally spaced af;=0, —88.6, 180, and 91.4 deg. The inpu
torque is specified at the sun gear, and the output power is through

the carrier. The carrier rotational vibration is constrained to zero, . o )
i.e., the carrier rotation is exactly according to its nominal kinddentify the natural frequencies and vibration modes. Figure 3

matic position and the output torque fluctuates about the nomirfkloWs typical frequency content of the sun transient response for
value of output torque. the three planet gear system. The computational and analjical

natural frequencies agree well with a maximum difference of 3.3

. . . ercent(Tables 2 and B Representative vibration modes are

3 Natural Frequencies and Vibration Modes ghown ir(1[4,8]. The Iumpgd pa?ameter masses, moments of inertia
Lin and Parker[4,5] rigorously analyzed the structure of theand mesh stiffness used in the analytical modehayg= 0.40 kg,

natural frequency spectrum and vibration modes of general plansane=0.66 Kg, Mearrie=5.43 Kg, Jgyn=0.483% 103 kg—m?,

etary gear systems using a lumped parameter model. They chifz,o=1.27<10° % kg—m?, Jcanie=49.7<10 2 kg—m?, and

acterized the vibration modes into three classes: Kmest= 350X 10° N/m; all bearing stiffnesses arkyearing= 87.6

X 10° N/m. Notice from Fig. 3 that force excitation of the sun

only translational motion and no rotational motion: gear excites only translat!onal modes. 'Analogously, torque exci-

2 Rotational modesn which the sun, carrier and ring havetation of the sun gear excites only rotanonal modes. Tables_2 and

3 show that the translational and rotational natural frequencies are

only rotational motion and no translational motion; and
3 Planet modesn which the sun, carrier, and ring have noalmost the same for the three and four planet systems. Planet

motion and only the planets deflect. modes occur only for systems with four_or more plarjdis _
Because the above natural frequencies are calculated directly
In this analysis, computational modal tests that simulate expefiem dynamic responsés opposed to an eigensolutipthe ex-
mental impact testing are performed on the stationary system. Tdwlent agreement with the analytical eigensolution builds confi-
impulses are forces and torques applied for a single time step. Tdence in the model’s ability to capture the dynamic response of
frequency content of the transient dynamic response is studiedtfiés multi-mesh system.

1 Translational modesn which the sun, carrier and ring have

4 Dynamic Response Under Operating Conditions

4.1 Speed Sweep.To study the dynamic behavior of the
planetary gear system under operating conditions, dynamic analy-
ses are conducted over a range of sun speeds from 0-2500 rpm.
The mesh frequency, which is related to sun speedfhy
=[ZsZ,1(Zs+Z,)]fs whereZg, are numbers of teeth on the sun
and ring, ranges from 0-880 Hz. A constant torque input of
1130 N-m (10000 Ib-in is applied at the sun gear. The nominal
sun operating speed and torque for this helicopter system are 1600
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Froaveey ) 2590 %% rpm and 1413 N-n{12500 Ib-in.
o Figures 4—6 show the steady state frequency response ampli-
1 T T T T T tudes for the radial, tangential and rotational deflections of a
o5k . planet in the four planet configuratignadial and tangential de-
£ of 1
15k 1.8
—20 5(‘)0 1 0‘00 1 5‘00 20‘00 25‘00 3000 14

Frequency (Hz)

Fig. 3 Frequency content of the sun translation transients for
the three planet gear system impulse test. Force impulses are
applied only to the sun and carrier translational degrees of
freedom.

Planet 1, Radial Deflection (m)
(=)
«®

0.2

. [}
Table 2 Natural frequencies of the three planet gear system 1000;
Natural Frequency Mode Type 5
(Hz) Translation | Rotation | Translation | Rotation | Translation Mesh Frequency (H2) 509 2
1 Mesh Frequency Harmonics
Computational Model 780 1104 1695 1743 2145 0 0
Analytical Model 769 1119 1728 1771 2121 Fig. 4 Frequency response amplitude of the planet radial de-
flection at vari for n tor f 1130 N-m 1
Difference (%) 4 13 19 16 1 ection at various speeds for a sun torque of 1130 (10000
Ib-in) in a four planet gear system
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Fig. 5 Frequency response amplitude of the planet tangential

deflection at various speeds for a sun torque of 1130 N-m

(10000 Ib-in ) in a four planet gear system Fig. 7 Frequency response amplitude of the planet radial de-

flection at various speeds for a sun torque of 1130 N-m (10000
Ib-in) in a four planet gear system. f; denotes the natural fre-
quencies of the system.

flections are with respect to a rotating, carrier-fixed basitie

deflections are those of the rigid bearing races of Fig. 2 and rep-

resent overall component motions. As the gears rotate, the dy- .
namic tooth mesh forces are periodic at the mesh frequency. Ag@nslational mode, shows a resonant peak at a mesh frequency of

cordingly, the calculated response has spectral content only /ii8 Hz. Resonant peaks corresponding to this translational mode
integer mesh frequency harmonics of the fundamental tooth me&§0 occur in the third and fifth harmonics at one-third and one-

frequency for the range of operating speeds considered. This H#fth of this speed, respectively. In contrast, no resonant peaks
sult is consistent with the static transmission error excitatid?cCur in the second, fourth or any even mesh frequency harmonic.
model used in lumped-parameter representations. Manufacturij\:'g;e second natural frequency at 1144 Hz is associated with a
tolerances in practical systems introduce additional spectral cdplational vibration mode. Resonant peaks corresponding to this
tent not captured in the perfect geometry of this model. The pear@atlonal mode are present in the second and fourth harmonics at
correspond to resonant response at the natural frequepax- approximately one-half and one-fourth of the mesh frequency of

cited in thelth mesh frequency harmonic, and they occur at medi44 Hz. Resonant peaks for this mode are present in all the even
frequencies of ,/1). This is evident from Fig. 7 where the mesh freque_ncy harmonl_cs and absent from all thg odd harmonics.
planet radial deflection of Fig. 4 is re-plotted with a dimensionadih€ translational deflection of the sun gear, which occurs only

frequency axis; all resonant peaks clearly occur at the systd¥fe€n @ translational mode is excited, contains only odd mesh

natural frequencies. No data is plotted in the lower triangular ré€duency harmonics with no response in the even harmokigs

gion of Fig. 7 because only frequency content through the fif®- Similarly, rotational deflection of the sun gear has response
harmonic is included. only in the even harmonics with no response in the odd harmonics

The resonant peaks corresponding to different natural frequéﬁlg- 10.
cies are not excited in all the mesh frequency harmonics. Consider
Fig. 8, for example, where the planet rotational response of Fig. 6
is presented such that the individual harmonics are more clear. _
The first natural frequency at 788 Hz, which is associated with xgo

2nd harrponic
3rd harmonic BN

1st harmonic

Planet 1 Rotation (rad)
S

Planet 1 Rotation (rad)
n

0
1000

[N

~ 5th harmonic

300 400 500 600 700 800 900
Mesh frequency (Hz)

Mesh Frequency Harmonics

Fig. 6 Frequency response amplitude of the planet rotational
deflection at various speeds for a sun torque of 1130 N-m
(10000 Ib-in) in a four planet gear system

Journal of Mechanical Design

Fig. 8 Frequency response amplitude of the planet rotational
deflection of Fig. 6 presented such that the individual harmon-
ics are clarified
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x10° Table

4 Conditions for different types of vibration modes to

be excited for a planetary gear system with equally spaced

74 planets. The quantity k=mod (/Z4/N) depends on the number

Sun Tangential Deflection {m)
N w » w (=]

-

1 Mesh Frequency Harmonics

Fig. 9 Frequency response amplitude of the sun tangential de-
flection at various speeds for a sun torque of 1130 N-m (10000

of planets N, the number of teeth on the sun gear Z,, and the
mesh frequency harmonic /.

k Excitation of Vibration Modes

0 Translational modes not excited,

Rotational modes excited.

LN-1 Translational modes excited,

Rotational modes not excited.

k#0,1,N -1 Rotational and translational

modes not excited.

Ib-in) in a four planet gear system the vibration modes, all rotational mode resonant peaks are absent
from the sun translational response, and all translational mode
peaks are absent from the rotational response.

A speed sweep carried out for the system with three equally
This peculiar behavior where particular modes are excited #paced planet gears shows different behavior. Figure 11 shows the

some mesh frequency harmonics but not others is consistent with
analytical predictions that address the practice of ‘planet phasing’
to suppress particular vibration modes in planetary gear response
[18-2Q. These results are summarized in Table 4 for equal
spaced planets. The paramekeis defined ak=mod(Z¢/N),

wherel denotes the harmonic of mesh frequengydenotes the 12

number of teeth on the sun gear, aNddenotes the number of
planets. The planets in the four planet system are not eque
spaced but pairs of planets lie along diameters. In this case,
criteria for excitation of a particular mode in a specific harmoni
are given by the following ruleg20]: 1) For even values ofZ,
translational modes are not excited and rotational modes are
cited; 2 For odd values ofZ, translational modes are excited
and rotational modes are not excited. For this four planet syste
with Z,= 27, the translational modes are excited in only the oc
mesh frequency harmonics whereas the rotational modes are 1000
cited in only the even mesh frequency harmonics. This is cons

tent with the presented results. These rules also explain why 1

sun gear translational response is present in only the odd m«
frequency harmonics and the sun gear rotational response

" Planet 1: Radial Deflection (m)

Mesh Frequency (Hz) 200

. . . o 0
present in only the even mesh frequency harmonics. Notice th
consistent with the decoupled translational and rotational nature x106
1.2 , . . : . , ; .
e
4 / ‘
14X 10 1.0f 1st harmonic 1 7
— - — - . 2nd harmonic A |
é ----- 3rd hamonic i ! i
1.2 p — — 4th harmonic i i -
o 0.8+ ' ;oo g
E 14 B ;o I
Sos o R
S0 ° T
g- 06 [m] 0.6t S v/ : “ g
e 8 L i
0.4 2 Y
T 04} P ]
0.2 : ! \\: 7.~
B g L
1000 g 02— — = 7" NS -
T | e !
5 - 7

Mesh Frequency (Hz) 200

0 100 200 300 400 500 600 700 800 900

0 o Mesh Frequency Harmonics Mesh frequency (HZ)
Fig. 10 Frequency response amplitude of the sun rotational Fig. 11 Frequency response amplitude of the planet radial de-
deflection at various speeds for a sun torque of 1130 N-m flection at various speeds for a sun torque of 1130 N-m (10000
(10000 Ib-in) in a four planet gear system Ib-in) in a three planet gear system
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translational deflection of a planet at different speeds. The regorque range. Thistatic analysis suggests that tidgnamicrota-
nant peaks corresponding to the translational mode natural fteonal and translational mode responses may have substantially
quencies at 780 Hz, 1695 Hz and 2145 Hz are absent in all tdéferent sensitivities to the input torque. _
mesh frequency harmonics, whereas the resonant peaks corrdl0 study the torque sensitivity of the resonant amplitudes,
sponding to the rotational mode natural frequencies at 1104 Bpeed sweeps are performed for four input torques: 565 N-m,
and 1743 Hz are observed in all the mesh frequency harmoniéd30 N-m, 1695 N-m, and 2260 N-fie., 5000 Ib-in, 10000 Ib-
The sun gear translation is zero at all times. This behavior is #s 15000 Ib-in and 20000 Ib-jn The magnitudes of the resonant
expected from the planet phasing analysis summarized in Tabl@@gks corresponding to different vibration modes are compared.
becaus&=mod(Z</N)=0 for any| with Z;=27 andN=3. The first translational mod€78 H2 and rotational mod¢1144

As discussed previously, the dynamic forces at the tooth melsi#) natural frequencie€Table 3 are well separated, and the mag-
are calculated internally and do not require external specificatiifudes of the corresponding resonant peaks are minimally af-
of mesh stiffness variation, static transmission error or the likéected by other vibration modes. The torque sensitivity of these
Nothing in the model predisposes the solution to exhibit the digibration modes can thus be studied precisely.
tinctive presence and absence of the various modes in differenFigures 13 and 14 show the magnitudes of the resonant peaks
harmonics. That the computed dynamic response predicts théggresponding to the translational mode at 778 Hz and the rota-

phenomena indicates that the approach accurately models the ignal mode at 1144 Hz for a range of torques. Figure 13 shows
namic mesh forces and contact mechanics. results for the sun gear response; Fig. 14 shows similar results for

the planet gear. The amplitudes of the resonant peaks at various

4.2 Torque Sensitivity of Dynamic Response. Avoidance torques are normalized to their corresponding values at 565 N-m
of resonant response is not feasible when the planetary gear 5800 Ib-in. As discussed earlier, the translational modes show
tem operates across a wide speed range. Proper design of varighd@nant response in odd harmonics only whereas the rotational
torque systems requires knowledge of the torque sensitivities fibdes show resonant response in even harmonics only. The peak
the resonant response. How the input torque changes the resopggénant amplitudes of the rotational mode grow much faster with
amplitudes of the different types of modes is studied in this segrcreasing torque than the translational mode amplitudes. Similar
tion. behavior, not shown in the figure, is observed for the translational

The static transmission error of a single mesh gear pair is ffRrode natural frequency at 2110 Hz; its peak resonant response
quently used to represent the dynamic excitation under operatigreases at a slower rate than the rotational mode at 1144 Hz.
conditions in lumped-parameter models, though this modeling fhe other three natural frequencid$76 Hz, 1723 Hz, and 1729
considerably less developed for planetary gears. From this pop) are closely spaced, and changes in these resonant amplitudes
of view, static response amplitudes are a possible measure of g¥n not be isolated.
namic response in planetary gears, and one might expect that thgq confirm this behavior on a different system, we reduced the
static and dynamic responses show similar sensitivity to torqyearing stiffnesses and increased the planet moments of inertia.
changes. To characterize the torque sensitivity of sta&ic re-  The lowest translational and rotational mode natural frequencies
sponse, a torque sweep is carried out for a range from 113 N-mg@ well separated at 622 Hz and 782 Hz, respectively. Plots
1356 N-m (1000 Ib-in to 12000 Ib-in under static conditions. analogous to Figures 13 and 14 show remarkably similar behav-
RMS values of the sun gear deflections about their mean are @i, The rotational mode resonant peaks increase faster with in-
tained over one tooth mesh cycle. Figure 12 compares the sfBased torque than those for translational modes.
gear rotational and translational deflections with increasing inputThe foregoing results indicate that rotational modes are more
torque. In order to comparghangesn the translational and rota- sensitive to changes in the input torque than translational modes.
tional response with varying torque, the RMS values of thesg this regard, the dynamic response follows the trend shown by
deflections at differing torques are normalized by their corrghe static response. Hence, the torque sensitivity of the static re-
sponding values at 113 N-m. The rotational deflection increasgsonse, which can be studied with considerably less experimental
more rapidly than the translational deflection across the entiggd computational effort, provides an estimate for the sensitivity

of the dynamic response. This behavior mimics that of single

8 T T T T T T T T T
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Fig. 13 Comparison of the peak sun gear resonant response

Fig. 12 Comparison of the change in the RMS sun gear rota- for the 1) rotational mode at 1144 Hz, and 2 ) translational mode

tional and translational deflections as the torque is increased. at 778 Hz. Solid curves denote sun rotation and dashed curves

These are the results of static analyses. denote sun translation.
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8 ' ; ' ' ' ' ' ' ' predicted by simple analytical expressions depending on the type
of mode (rotational or translationgl the mesh frequency har-
monicl, the number of planets, and the number of sun gear teeth.

Response in rotational and translational modes have different
sensitivity to changes in operating torque. The resonant amplitude
1 of rotational modes changes more rapidly with torque than that for
translational modes. These dynamic results are consistent with
static analysis, which may provide a simpler analytical and experi-
mental means to assess torque sensitivity of the vibration. For the
unmodified gear teeth in this model, the response increases mono-
4 tonically with torque.
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