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ring gear and relatively low operating speeds are common fea

Tooth wedging occurs when a gear tooth comes into contact tures of wind turbine planetary gear systei$ |3l 4, 5]. Psete

on the drive-side and back-side simultaneously. Tooth \medg
risks bearing failures from elevated forces. This work Esthe
nonlinear tooth wedging behavior and its correlation widmget

bearing forces by analyzing the dynamic response of an exam-

ple planetary gear based on a real application of a windrerbi
geartrain. The two-dimensional lumped-parameter madas[1
extended to include tooth separation, back-side contaotht
wedging, and bearing clearances. The simulation resutt& sh
significant impact of tooth wedging on planet bearing forfoes

a wide range of operating speeds. To develop a physical under
standing of the tooth wedging mechanism, connections teatwe
planet bearing forces and tooth forces are studied by ikvest
gating physical forces and displacements acting througtneu
planetary gear. A method to predict tooth wedging based en ge
ometric interactions is developed and verified. The majasea

of tooth wedging relate directly to translational vibraiscaused

by gravity forces and the presence of clearance-type neslin
ties in the form of backlash and bearing clearance.

INTRODUCTION

al. [3], [4] examined a typical wind turbine gearbox configur
tion with planetary gear stages. Gravity excitation can b&a
damental vibration source for wind turbine and other planet
gears with one or more components having large mass. Simula-
tion reveals tooth wedging in a real application of wind tneb
planetary gear, which occurs when a tooth comes into coatact
both the drive-side and back-side simultaneously.

Tooth wedging in planetary gears leads to unequal load shar-
ing and excessive planet bearing loads by disturbing therssam
try of planet gears. This may cause bearing failure and tiaath
damage due to fatigue. Bearing clearance contributes th too
wedging because it allows in-plane translation of the cotete
components. Despite the breadth of literature on the dycsafi
planetary gears, no work has examined tooth wedging.

The nonlinear phenomenon of tooth separation involving pe-
riod doubling and chaos was observed in spur gear pair experi
ments [6.7.B]. Botmari_[9] proved the presence of tooth separ
tion in planetary gears by experiments. Using finite eleraent
lumped-parameter models, Ambarisha and Palkér [10] pextlic
the existence of tooth contact loss and period-doublingrb#:-

The present study of dynamic tooth forces and bearing loads tions of a planetary gear system when the mesh frequencyor an

is motivated by the observation of bearing failure in wind tu
bine planetary gears, which is the major source initiatimg t
whole gear box failures'[2]. A compliantly supported, heavy

*Address all correspondence to this author.

of its higher harmonics are near a natural frequency. Thesdo
ades and Natsiavas |11] studied the dynamics of a gearysir s
tem involving backlash and time-dependent mesh stiffnesgu
perturbation analysis. Tooth separation and its assatlatge
mesh and bearing forces occur in the gear pair investigated b
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Parker, et al.[[12]. The nonlinear dynamic behavior of a spur
gear pair with clearance and periodically time-varyingapag-
ters were observed experimentally by Kahraman and Blanken-
ship [13] and analyzed by Parker et al.l[12]. No study, howeve
examines the nonlinear dynamics of planetary gear mestihs wi
tooth wedging, bearing clearance, or gravity excitation.

Mesh phasing of planetary gears strongly affects theirvibr
tion and can be used to suppress vibration. Lin and Parkér [14
studied parametric instability from mesh stiffness vaoiaand
the mesh phasing rule with its effect on the dynamic behafior
spur planetary and epicyclic gears. Kahraman and Blankgnsh
[15] investigated the effects of mesh phasing on the dynswofic
equally spaced planet systems in helical gear systemseiRard
Lin [L6] described all mesh phasing relationships in planet
gears. Parkef[17] and Ambarisha and Parkelr [18] examired th
effectiveness of suppressing certain mesh frequency hdcso
of planetary gear vibration modes using mesh phasing. Wu and
Parker[[19] and Vangipuram-Canchi and Parkel [20] showat th
adjusting mesh phasing can suppress certain parametabins
ities induced by fluctuating mesh stiffnesses in planetaigrg
In this study, these important mesh phasing rules are shown t
not apply when tooth wedging occurs or in systems with gyavit
excitation.

The objectives of the present work are to:

1. introduce tooth wedging, tooth contact loss, and bearing
clearance into a lumped-parameter model,

2. investigate the interplay between tooth wedging andibgar
clearance,

3. physically explain the mechanism of tooth wedging and its
impact on dynamic response.

NOMENCLATURE
Subscript Superscript
c Carrier b  Back-side contact
r Ring d Drive-side contact
S Sun R Radial
p Planet w  Tooth wedging
m Mesh
g Gravity
b Bearing
a Aerodynamic

r

X7y7Zan

¢
Qn
Qc
Y
Wn
W
A, Acp
A57 AI’
b57 br
Qs, r
L
h(sjja hklea h\évla IJCJ
kp
kgjv krdj
k2j, k)
fsdj7 fsbj
f|X7 f|ya f|u7
|l =c,r,s
¢ ¢n
foi» T
X &
£ g, fig, b,
V = C7 r7 57 17
N

14, £

The number of planets

Mass

Inertia

Base radii

Translations of the carrier, ring, sun,
and planets

Damping ratio

Natural frequency

Carrier rotating frequency

Pressure angle of planets

Mesh frequency

Characteristic frequency
Carrier-ring and planet bearing clearance
Tooth radial gap

Backlash

Pressure angle

Dimensionless length

Functions tracking tooth and bearing
contacts

Planet bearing stiffness

Drive-side Mesh stiffness

Back-side mesh stiffness

Drive- and back-side tooth force at the

ith

j'™" sun-planet mesh

Linear bearing forces ir,y, u directions
Nonlinear bearing forces on the carrier
Nonlinear bearing forces on planet
bearings

Nonlinear carrier-ring bearing forces

Gravity forces

Aerodynamic forces acting on the carrier
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MODELING AND EQUATION OF MOTION Tooth Contact Model
Coordinates and Geometric Description _ Th_e tooth contact model cqptures four possible situations:
) ) drive-side tooth contact, back-side tooth contact, noaxthaind

The present m_odel extends the t\NO-dlm_enSK_)naI lumped- 4 wedging (simultaneous drive-side and back-sideamiht

parameter one in Lin _and Parket [?]- The carrier, ring, s, a Drive-side tooth contact is modeled by a mesh stiffnessgalon

plangts are rigid bodies each having two translational arel o the line of action shown in Figufd 3. When the drive-side mesh

rotational degree of.freedom. The model hall & .3) degrees deflection becomes negative, a pair of teeth loses contdut. T

of freedom, wherd\ is the number of planets. This model, de- 0 gige mesh deflectior&} and 3 of the j™ sun-planet (S-

picted in Figur&lL, is extended to include back-side conbazr- P) and ring-planet (R-P) mesh afé [1]

ing clearance, mesh stiffness variations, gravity foraad,other

excitation sources. Bearings are modeled as springs veétrl

ance nonlinearity. Gear meshes are modeled as nonlinepetim 5_3; = —XsSimng + ysCOSlIlg,- — {jsinas— N;j costs+ Uj + Us

springs that_act only whgn the_teeth are in contact on thedriv 5& — X Simllrdj Ty COS‘Prdj +Zjsinay — n; cosar — Uj + Uy

side, back-side, or both sides simultaneously for the cie®th d d

wedging. This model captures the tooth separation noniiyea Ysj = Yj—as, Yy =yj+ar

Excitations consist of gravity, externally applied loadad the 1)

parametric excitations from fluctuating gear mesh stifindhe

The drive-side tooth forcégj (g=s,r) is calculated by

d d d
Ve Vi Vs mT fg) = haika; (1 2
o [Lifg>0 L a)
A= oifsd <0 I T

Ring

Carrier

Wherehgj tracks whether a tooth is in contact at the drive-side.
Fluctuating mesh stiffness as the number of teeth in contact
changes periodically between one and two pairs at each mesh
is an important vibration source that can cause paramesta-

bility in planetary gears. [14]. This parametric excitatisnn-
troduced through time varying mesh stiﬁnesk%zﬁt) at the S-P

and R-P meshes. They are approximated as rectangular wave-
forms with adjustable contact ratios and mesh phasing. The

Xe X X E]

FIGURE 1. PLANETARY GEAR LUMPED-PARAMETER MODEL.

coordinates are shown in Figurk 1. Translational displacem Back-side
X, Wi (I =c,r,s) are assigned to the carrier, ring, and sun, re-
spectively, with respect to the bagig;} (i = 1,2,3) that is fixed

to the carrier and shown in Figurk 2. The ori@is at the center

of the planetary gear. The radial and tangential displacésra

the planets are denoted By, nj, j = 1,...,N with respect to the
basis{e } rotating with the carrier and oriented for each planet as
shown in FigurgR. The rotational displacementsare- r6,,
v=c,r,s,1,...,N, whereb, is the rotation in radians anglis the
base circle radius for the sun, ring, and planets and thesadi

A/ line of action

]
-

)

the planet center for the carrier. Throughout this paperstib- FIGURE 2. COORDINATES FOR THE | SUN-PLANET MESH.
scriptj = 1,--- /N denotes planets 1 fd; | = c,r,sdenotes the

carrier, ring, and sun; and the superscript®, w denote drive-

side tooth contact, back-side tooth contact, and tooth imedg back-side mesh deflecticﬁg’j at thej™" S-P mesh is derived from
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Radial direction

Line of action Back-side

\ line of action
o> % Tangential
direction
Pitch Circle 2AsSin0

Planet base’circle

FIGURE 3. GEOMETRIC SKETCH OF THE TOOTH POSITIONS
FOR DRIVE-SIDE CONTACT (SOLID LINE) AND TOOTH WEDGING
(DASHED LINE).

the relative displacement between two points A and B on the su
and planef base circles, respectively, along the back-side line of
action. The back-side line of action and the line of actioneha
equal pressure angles (Figlite 3). The displacements of Band
and the back-side mesh deflection are

da = XsE1 +YysE2 — Useli
dg = &jer+ njer +ujel

8% = (da—dg)&} = xssind — yscosyd; — ¢j sinas

b
+njcosas—Uuj —Us, Ys;= Y+ 0s

where the basige}P is oriented as shown in Figuk ) is along
the back-side line of actiorgys is the pressure angle of the S-P
meshes, andy; is the fixed angular position of plangtin the
carrier reference frame. Similarly, the back-side mestedgfin

at thejt" ring-planet mesh is

b - b ;
& = % singyj — yr cosyy + ¢ sinar + njcosar + uj — U,

Lpl’bj =yj—ar
(6)

Back-side tooth contact takes place when the back-side deesh
flection exceeds the backlasti®ggq =r,s) for the sun and ring.
The back-side tooth force is

oy = hgikg; (&g —bg), d=r.s @)

it sb
1if 85 > bq

b _ i
hQJ_{Oifagj =1

<bq7 - 7""N (8)

Whether a tooth is in back-side contact is trackedhg,yq =r,s.

The quantit)kgj denotes the back-side mesh stiffnesses. They are
approximated as the average value of the periodic meshestif
on the drive-side.

Tooth wedging occurs when the relative radial motions of
two mating gears exceeds a specified accessible tooth gagial
Aq(g=r,s) as shown in FigurEl 3. The tooth radial gap is a spec-
ified quantity estimated from the backlash and tooth gegmetr
Here/q are approximated d%/(2tanag) such that the backlash
b is the projection of\q into the pitch circle shown in Figufg 3.
For the S-P and R-P meshes, the relative radial deflectiens ar

O = XsCOSYj +Yssinyj —

. =rns j=1,...,N
(Srj:nj—xrcoswj—yrsmtpj’q 'S B

(9)

To obtain the back-side mesh deflection when tooth wedging oc
curs, it is important to remove the portion of relative matio
along the back-side line of action caused by the relativéatad
motion prior to tooth wedging; this portion of back-sideatile
motion is not resisted by back-side contact. Thus, the Isabk-
mesh deflection is modified by subtracting the line of actiome
ponent of the relative radial displacement between the sdn a
planet and between the ring and planet up to the tooth wedging
point, giving

5$jmod: 5(?j_2AqSinaq, q=r,s, J — 1"”,N (10)

When tooth wedging occurs, the drive- and back-side tooth
forces at thgt" S-P and R-P meshes are

d d d b b xb,mod
fai = hajKgi ()05 fa) = hajka;Og; ™

(11)
Whereh‘évj tracks whether tooth wedging occurs according to

1if 6% > Aq

W —
hql_{Oif63€<Aq’q_

rs j=1,....,N (12)

Bearing Model with Clearance

The linear bearings without clearance are modeled as one
torsional and two translational springs. The nonlinearinga
are modeled as circumferentially distributed radial sgsimwith
uniform clearance as shown in Figlde 4. Forces develop only
when the relative displacement between the connected $odie
exceeds a specified clearance. For ffeplanet bearing with
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Acp g A The contact angles are
2
g Yh— Vi
g Shr = tan™ ( r) ,h=c,s (18)
2| A Xp— Xr
Inner Racej -
Stope Ky b The bearing force$ , f). that are the projections of these bear-
ing forces in thex,, y, directions are
Outer Race
@ (b) f}*): = l-‘hrkhr((Snr - Ahr) C_Oqghr) h=c.s (19)
for = Hnrknr (Shr — Bnr) SiN(Fpy) ’
FIGURE 4. (a) PLANET BEARING MODEL WITH CLEARANCE; (b)
DIAGRAM OF BEARING FORCE WITH CLEARANCE. wherek;, (h = c,s) are the bearing stiffnesses. The variable

tracks if the bearings are in contact according to

bearing clearancAcp as an example, the relative displacement
between the carrier and planeis { 1if &y > Anr
Hqr =

0if 8y <Ay NS (20)

Ocj = [(XcCOSllfj +yesing; — ;) +
12 (23) Equations of Motion
(—XeSinyj + yccosy; + uc — nj)2:| Based on the derivations above, the equations of motion for
the carrier are

The direction of the developed force is determined by the con N
tact angledc; betweere; (Figurel2) and the direction of relative " _ s _ .
motion between the carrier and plarjet MeX + koxe Z Kok} (%) — Acp) €O Jej + W)+

kcrl-lcr(écr - Acr) CcoSder = f():( + f;(t) + f():(g(t)

SC_tan1<—Xc5in’~»uj+YCC054’j+Uc—’7]> (14)
i=

_ N
XeCOSYj +Yesinyj — ¢ MeYe +keYo + 3 KpHej(Oej — Dep) SiNn(Fej + i)+
=1

(21)
The bearing forces that are the projections of this beamngef Ker Her (Gcr — Der) sinder = £+ fJ(t) + f4(t)
in thexc, ye, Uc, &j, n;j directions are N
(Ic/r(Z:)UC+ kCUuC+ Z kpuCJ(é(:J —Acp) Sinﬂcj

f(g) = ch kp( Acp) Coiacj + LIJJ) =1 " "

f&i = Hejkp(&j — Acp) sin(Jej + ) = fe+fa(t)

fei = Heikp(dcj — Acp) sinde; (15)

fgj =— ;.lcj p( Dcp) cosﬂcj The equations of motion for the ring are

N N
-- d 1 k. 59 cin g b jw sb,mod
The planet bearing stiffness is denotedkyy The variableu;) MeXe + ke — JZlkrj (t)hrj o singrj + lekr 7 O

tracks if the bearing is in contact according to .
sinygyj — Ker ter (Ocr — Der) COSTer+

k — Asr) cOSIsr = fry(t
w-{oia cag I -hoN 09 A
M Yr + Keyr + Z Ky (t)h} 3 cosud — 5 Kyhi &™ (22)
=1

The carrier-ring bearing with clearanfg and the sun-ring
bearing with clearancAs, are modeled similarly. The relative oSy — ker Her (Ger — Der) COSIer+
displacements between the carrier/ring and sun/ring are Ksr s (Osr — Asr) sindsr = Y (t)

N
1/2 | 2\ i d_ d th6b mod_
Onr = (Xh—Xr)z—i-(yh—yr)z} ,h=c¢s (17) (r/rr)ur‘i-kruUr-l-lekrJ 6r Zh i O
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The equations of motion for the sun are

Me¥s -+ KeXs — Z@ (t)hd; o8 sinyg; + z KE;heaemod
smtpsj — Ksrldsr(Osr — Agr) cos&Sr =+ f;‘g(t)

s+ keys + z Kdj(t) ;08 cosys; — Z &ih%55™ (23)
coswsj - ksrusr(éS —Agr) 5|nz95r =fI+ fsg(t)

(Is/r€)tis + ksuls + Z K, (t)hd, 08— Z K gmed _

The equations of motion for plan¢tare

mpgj — kpHcj(dcj — Acp) cOSTcj — kg'( )hgj5sdj5i”as+
ke, (H)h &9 sina, — K hYab ™ sinas+

b b,mod _ ¢
kjhi o sinar = i (t)

Mpf)j — KpHej(Ocj — Acp) Sindej — kg-( )hd-éd- cosas+
d (ypd xd b pw sb.mod (24)
kr ( )hl’] 6” cosay — ks hsjé COSas+
K b 5™ cosa, = f]l ()
(Ip/rB)tij — Kgj(t)hg; 38} + k) (t)he} & +k2h‘§,55bjm°d

The masses and moments of inertias of the carrier, ring, sun,

and planets are denoted by, Ik (k = c,r,s,p). Quantities
I<|ur|2 (I =¢,r,5) denote the torsional stiffnesses of the carrier,
ring, and sun, wherdg, has units of force/length. Quanti-
ties f\i,gj (v=crs1,...,Nandi = x,y,&,n) denote the gravity
force acting on the carrier, ring, sun, and planets Ntm the
Eq, E», €1, & directions.

v=crs1,...,N

(25)
where the variabl€. = wn/N; (if the ring is fixed denotes the
carrier rotating frequency. The quantity denotes the number
of teeth of the ring.

The time-varying applied forces are denoted Hly The
steady loads acting on the carrier (input gear) and sun @outp
gear) in theEy, E; directions are denoted b, fi (i = x,y).
Quantitiesf, f{' denote the steady torques acting on the carrier
and sun.

The nonlinear forces fall into three categories: the dside
tooth force, the back-side tooth force, and the bearingefofs-
sembling these forces in vector form yields the drive- antkba

f\;(g = _rn‘/gSin(Qct)a f\yg = _rn\/gCOiQCt);

6

side tooth mesh force vectors

[0,0,0]T ..o c
T
N _ N N
[Z fdsingrj, — 5 fdcosgrj, — 3 fr‘}] e r
=1 j=1 j=1
T
N N N
fS, = Ja
|4 sinas— frlslnar, f4 cosas+ frlcosar,
fs(,jl""frl} !
[f4sinas— 4 sinar, f&cosas+ fS cosdr,
f +f } - PN
(26)
[0,0,0]T .o c
T
J b S b
l Z smt,UrJ, Z fP ; cosyyi, _zlf”-] T
=1 =
.
N b & b
A l Z S]smws], Ef | COSYg), 2 fsj] ... S
= - .
5 sinas— rlsmorr,—f cosorS ffh cosay,
T
fsbl—frbﬂ .. P2
(£ sinas — £ sinar, — 5 cosas — £ cosay,
b _ b1l
fsn— er} - PN
(27)

With the clearance-type nonlinearity, the bearing foroe ve
torfg is

N
X4 fX 4+ z fCJ,fcr+fé’+_z fé’l,fu
J:
:
N
+ 3 1 .C
j=1
fom 0 [fX+ R+ R+ R+ 17 69T | (g)
[fX+ 2, 13 + 2 ,fsﬂ ................... S
& en ol
[fpl, £, } .............................. )
. T
[ng,pr, } ............................. DN

Including the damping, the matrix form of thes&l 3-9
equations of motion is

MK + Cx + 4 (t,%) + 2, (t,x) +fa (t,x) = F(t)  (29)

Copyright © 2009 by ASME



X= XC7yCauC7XI’ayraul’7XSaySa uS7El7n17u17"'aENanN7uN
— = — ——

Carrier Ring Sun Planet 1 PlaneN

X = 4 Xc, ¥, Uc; Xr, Yr, Ur, Xs, Ys, Us, Elanbula ERE)
—_— e —— — e —

Carrier Ring Sun Planet 1

éN, 1IN, UN
N——
PlaneN

The damping matrix is calculated from

C = (U diag(26,Qn) U

whereé, are the damping ratios arf@, are the corresponding
natural frequencies of the linear system where all bearangs

in contact and the mesh stiffnesses are averaged over a mesh ¢
cle; U is the orthonormalized modal matrik{MU =1). The
applied force vectoF(t) has three distinct componerftét) =
Fg(t) + Fa(t) + Fs, the periodic gravity forc&y(t) acting on the
sun, ring, and planets, other forcEg(t) applied to the carrier
(such as aerodynamic forces in a wind turbine), and the gtead

loadsFs acting on the input and output members.

To improve numerical accuracy and reduce computation, the
equations of motion are non-dimensionalized by introdoicia-
act andz = x/L, whereax is the sixth natural frequency as a
characteristic frequency ahd= 1 umis the characteristic length,

giving

Mz" +CZ +14,(1,2) + 1, (1,2) +Ta (1,2) = F (1)

MODEL VALIDATION

Due to the scarcity of experimental data on planetary gears,
a finite element solution is taken as a benchmark to evaluate
the validity of the analytical model. Vijayakar [21] devpkd
a combined surface integral and finite element method to cap-
ture precise tooth deformation and contact loads in geared s

tooth contact forces that are specified externally with eorv
tional simulation tools. The reliability of this code hasebe
demonstrated[12, 23,24], including comparison with gelairas
tion experimentd]6]. Kahramah [24] used this method tostud
the effects of ring gear flexibility on planet load sharingurker

et al. [12[238] used it to investigate nonlinear jumps indubg
tooth separation, and suppression of certain mesh fregureme
monics in the dynamic response.

TABLE 1. GEAR PARAMETERS FOR THE EXAMPLE PLANETARY
GEAR.

Name Sun  Planet Ring
Number of Teeth 16 26 68
Outer Diameterrim) 2545 383 930.6
Root Diameteriim 202 329 980
Pitch Diameterim) 224 364 952
Transverse Tooth Thickness) 25.0 18.5 25.0
Module (mm) 14.0 14.0 14.0
Facewidth (hm) 180 180 180
Backlash fnm) 0.482 0482
Pressure Angle 28° 24.6°
Tooth Radial Gaprim) 0.562 0562
Sun/Pinion Center Distancen(r) 294

TABLE 2. SYSTEM PARAMETERS FOR THE EXAMPLE PLANE-
TARY GEAR SYSTEM. THE RING MASS INCLUDES THE GEARBOX.

tems. This method allows a more coarse finite element mesh at

tooth contact areas than traditional methods. The softdare
veloped by Vijayakar[[22] intrinsically evaluates timeryimg

Sun Ring Carrier Planet
m (kg) 51 28125 1330 114
| (kg-n?) 61.1 2484 314.7 51.9
kgp (N/m)  3.55x 10° 4.56x 10°
kg (N/m) 0 126x10° 3.95x 10° 5.29x10°
ker (N/m) 3.59x 10°
Acr (MM 1
ko (N-m)  3.02x10° 244x10° 0 0

Copyright © 2009 by ASME



The equally spaced 3-planet planetary gear system is defined fs used to describe the nonlinear bearing contact is

in Table€d anHI2. The carrier is not shown in the figure; it isimo
eled as rigid body with a lumped inertia. The large ring geassn
results from an typical arrangement of wind turbines whegreb
much of the gearbox mass is rigidly connected to the ring¢ctvhi
is supported on a relatively compliant foundation. All geare
steel spur gears with involute gear teeth having modulu$asf e
ticity 207 x 10°N/m? and Poisson’s ratio 0.3. A constant torque
of 180kN-mis applied to the carrier as the input, and the sun gear
is the output. Gravity acts at the center of mass of all corapbn
gears; it is a periodically varying external excitationhe tarrier
reference frame used to formulate the model. Besides fltiotua
mesh stiffness (shown in Figurk 5), tooth wedging and toeph s
aration are included naturally in the finite element modeding
precise information on the tooth geometry, backlash, rbaps,
and root clearance, the contact algorithm used in the sodtwa
identifies tooth contact on both the drive- and back-siddss T
is important for validating the lumped parameter contactieio
for tooth wedging. The finite element model includes cleagan
nonlinearity at the carrier-ring bearing. The bearing ceaes
are modeled as radial gaps between bearing inner and ooésr ra
as in the analytical model.

6.0
r = — <
5.5 \k"p
\ l
o 5.0 \ 1
= ! !
o 45 \ kg, I
e
=
«%
2.5 : - -
0 0.25 0.5 0.75 1
Mesh Cycle

FIGURE 5. MESH STIFFNESSES AT THE S-P (SOLID LINE) AND R-
P (DASHED LINE) MESHES CALCULATED BY THE FINITE ELEMENT
METHOD. 200 POINTS ARE USED IN A MESH CYCLE. PARAMETERS
ARE IN TABLEM

A global Newton iteration scheme with line search tech-
nique [25] is used to obtain accurate numerical solutionthef
analytical model. The line search technique makes the qtetli
solution at each iteration always closer to the exact smiuby
adjusting the iteration step size for each step. The awcalyti
model uses smoothing functions to approximate the noniinea
ties at the gear teeth and bearing contact. The smoothitatjdun

=5+ }[14— tanho (6 — Acr)] (8 — Aer) —
2 . (35)
§[1+ tanhO'(5+Acr)](5+ACf)

fs(3)

whered denotes the deflection between the inner and outer bear-
ing races. The smoothing functidig used to describe the non-
linear gear tooth contact for both the drive- and back-sde i

fs(0) = %(6 —b)[1+tanha(d - b)],
b— A\q if back-side contact
~ 1 0 ifdrive-side contact

(36)

whered denotes the drive- or back-side mesh deflectipa,r,s,
ando controls how close the smoothing functions are to the orig-
inal piecewise nonlinear functions. The largers, the approxi-
mation is closer to the piecewise functions. Extremely high
ues ofo (10°), however, may cause numerical instability. This
study usewr = 500, a reliable value with deviation 5% from
the nonlinear piecewise functions.

Static analysis is performed on the example planetary gear
in Tables[1 and2. One carrier period is analyzed, giving 68
mesh cycles. Each mesh cycle is divided into ten intervals
evenly. For analytical solutions, the convergence tolegais
100x 10~ 12m, while the finite element solutions have the sin-
gle precision accuracy. FigurEk 6 ddd 7 compare the anallytic
and finite element drive- and back-side tooth forces at tR&P
mesh and the™ R-P mesh at mesh frequencyi34 Results of
both models show tooth wedging at the interval [0.6, 0.92{le
S-P mesh, and intervals [0, 0.08] and [0.78, 1] for the R-Pimes
The extreme loads at 0.10 and 0.42 carrier cycle in Fifure6 ar
caused by the occurrence of tooth wedging at other meshes tha
those of planet 2. Figuré$ 8 alild 9 compare the planet 3 bearing
force and its developed contact angle under the same consliti
as Figuregl6 ar[d 7. Figutel10 compares the amplitude of carrie
ring bearing force at mesh frequencyl3dwhenA; = 0.7mm
The excellent comparison between these two models indicate
that the analytical model captures the nonlinear contaduibier
as well as the finite element model.

RESULTS AND DISCUSSION

The dynamic response of the example three-planet system
(defined in TableEl1l arld 2) is analyzed using Runge-Kutta nu-
merical integration with order* ~ h° global accumulated error,
whereh is the step size. All components are allowed to vibrate.
The backlashels;, bs are chosen according to Table 3.9 in Dud-
ley [2€] and confirmed by the Fairfield gear design softwar.[2
The natural frequencies are given in Table 3. For systents wit

Copyright © 2009 by ASME
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FIGURE 6. DRIVE- AND BACK-SIDE TOOTH FORCES AT THE 2"
S-P MESH FOR MESH FREQUENCY wm = 34Hz WITH GRAVITY
AND GEAR DATA GIVEN IN TABLESAIANDPIFROM FINITE ELEMENT
(DASHED LINE) AND ANALYTICAL MODELS (SOLID LINE).
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FIGURE 7. DRIVE- AND BACK-SIDE TOOTH FORCES AT THE 2™
R-P MESH FOR MESH FREQUENCY wm = 34Hz WITH GRAVITY
AND GEAR DATA GIVEN IN TABLESAIANDPIFROM FINITE ELEMENT
(DASHED LINE) AND ANALYTICAL MODELS (SOLID LINE).

three planets, the rotational-translational planetargahgields
two types of modes: rotational modes with distinct naturet f

quencies, and translational modes with degenerate ndteral

quencies of multiplicity two. The properties of these mogees
are described iriL{1] and [28].

To examine which of the different excitations are dominant,

the effects of gravity, fluctuating mesh stiffness, and dgro

namic forces on the tooth force at th& $-P mesh are com-
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Bearing Force at the 3'9 Planet (k)
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Carrier Cycle

FIGURE 8. AMPLITUDE OF BEARING FORCE AT THE 34 PLANET
FOR MESH FREQUENCY Wy = 34Hz WITH GRAVITY AND GEAR
DATA GIVEN IN TABLESAIAND I FROM FINITE ELEMENT (DASHED
LINE) AND ANALYTICAL MODELS (SOLID LINE).
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Bearing Force Angle at the 3td Planet (deg)

FIGURE 9. BEARING CONTACT ANGLE BETWEEN €1 AND THE
MOTION DIRECTION BETWEEN THE CARRIER AND PLANET 3 FOR
MESH FREQUENCY wm = 34HZzWITH GRAVITY AND GEAR DATA
GIVEN IN TABLESAIAND PIFROM FINITE ELEMENT (DASHED LINE)
AND ANALYTICAL MODELS (SOLID LINE).

f; = G+ d;sin(3Qct), i = x,y,u, are transmitted from the three-
bladed wind turbine to the carrier of the planetary gear, rehe
ci, d; are the force amplitudes in they,u directions. Gravity
elevates the force fluctuation amplitude sharply and caiostis
wedging to occur at theS1S-P mesh over approximately 25%
of a carrier cycle. Aerodynamic forces or mesh stiffnessavar
tions do not cause tooth wedging. Tooth loads excited by them

pared in Figur€1. Using estimates from measurements on theare close to the nominal force. Gravity is the dominant exicin

example wind turbine, the aerodynamic forces, approxithase

9

leading to tooth wedging.
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FIGURE 10. AMPLITUDE OF CARRIER-RING BEARING FORCE
FOR MESH FREQUENCY (m = 34HZz WITH GRAVITY, BEARING
CLEARANCE 0.7mm OTHER GEAR DATA GIVEN IN TABLESAIAND
PIFROM FINITE ELEMENT (DASHED LINE) AND ANALYTICAL MOD-
ELS (SOLID LINE).

TABLE 3. NATURAL FREQUENCIES OF THE PLANETARY GEAR
DESCRIBED IN TABLES [l AND B R (ROTATIONAL MODE), T
(TRANSLATIONAL MODE).

Natural Frequency (Hz

Q5 =42.202(T)
Q3 = 69.491(R
Q4 = 30146(R
Q56 = 30559(T)
Q76 = 70006(T)
Qg = 10224(R)
Q1011 = 11344(T)
Q1,=12570(R)
Q1314 = 18302(
Q15=19830(R)
Q1617 = 24312(T)
Q15 =27699(R)

- &

Py

T)

Besides gravity, bearing clearance plays an importanipart
tooth wedging. The effect i on the percentage of a carrier
cycle in which tooth wedging (considering all meshes) osdésir

shown in Figurd1l2. For the nominal tooth radial gap, no tooth

wedging occurs whefy;, is smaller than the poirt. This pointL
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FIGURE 11. TOOTH FORCES AT THE 15! S.P MESH: (1) WITH
GRAVITY FORCES ONLY; (2) WITH AERODYNAMIC FORCES
ONLY; AND (3) WITH MESH STIFFNESS VARIATIONS ONLY. Cyx =
23859, ¢y = 34000, dy = 51.244 dy = 25488N. ¢, =0,d, =
23221N-m. wn = 34Hz THE GEAR DATA IS IN TABLESHIANDA
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FIGURE 12. PERCENTAGE OF TOOTH WEDGING CONSIDERING
ALL MESHES IN A CARRIER CYCLE VS. CARRIER-RING BEARING
CLEARANCE WHEN Ag = A = 0.05mm(DOTTED LINE), As = A =
0.50mm(DASHED LINE), AND Ag = Ay = 0.75mm(SOLID LINE).
wm = 34HZz AND GEAR DATA IS IN TABLESHIAND L

is associated with the linear system withdygt (the carrier-ring
bearing is active all the time.). Above this point, tooth Wi
occurs and its occurrence in a carrier cycle increases ghgdu
until the pointH. After Ac reaches point, the tooth wedging
occurrence percentage does not change. This pbistassoci-
ated with the linear system without the carrier-ring begfinfi-

nite Acr). Bearing clearance allows greater system translational
vibration by softening the support bearing. Thus, the petege

of tooth wedging in a carrier cycle increases when beariegrel
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ance is enlarged. Besides bearing clearance, tooth raalal g
Ay, As affect tooth wedging. Comparing the three curves in Fig-
ure[12, reducing the tooth radial gap increases the ocareren
tooth wedging even for small values of bearing clearakige

The foregoing analysis indicates that the occurrence dfitoo
wedging is the combined effect of gravity and bearing cleega
Bearing clearance admits greater translational moticattuse
tooth wedging, and gravity acts as the external excitation.

Figure[IB shows the maxima of tooth radial gap for which
tooth wedging occurs for each mesh frequency withircld, <
2000Hz at both the S-P and R-P meshes. The maxima of tooth
radial gap at both meshes for tooth wedging to occur is larger
than the design value ®@62mm for all speeds, which shows that
tooth wedging is present for the entire speed rangec ki, <
2000Hz

= b bW
W o o

—_
(=}

<
n

Maximum Tooth Radial Gap 4 (mm)
(O8]

=]

500 T000 1500
Mesh Frequency (Hz)

2000

FIGURE 13. MAXIMA OF THE ALLOWABLE TOOTH RADIAL GAP
FOR TOOTH WEDGING TO OCCUR AT THE S-P (SOLID LINE) AND
R-P (DASHED LINE) MESHES AND THE DESIGN VALUE OF TOOTH
RADIAL GAP (DOTTED LINE) OVER A MESH FREQUENCY RANGE
FROM 10to 2000HZWITH GEAR DATA GIVEN IN TABLESHIANDEL

Tooth wedging changes the tooth load amplitudes at both
the S-P and R-P meshes. Figliré 14 illustrates all the toatfslo
at an instant when tooth wedging occurs at t§eSEP mesh
with wy, = 34Hz (which is the wind turbine operating mesh fre-
quency). When tooth wedging occurs at this mesh, tooth loads
increase on both the drive-side and back-side. The droe-si
tooth load increases to 210% of its nominal tooth load (witho
tooth wedging the nominal tooth load is 1KI®), and there is
large back-side contact force. Because the movement ofithe s

202 k.
154 v
A p
< 235k
202 k !
691.6 pm\_Ls
160 k.
75k
61 kN
61 kN ooth wedgin;
1035.23\um
4G

FIGURE 14. PLANETARY GEAR TOOTH FORCES AND SELECTED
COMPONENT DEFLECTIONS AT 0.90 CARRIER CYCLE WITH TOOTH
WEDGING AT THE 15t S-P MESH. i, = 34Hz [0 REPRESENTS
TOOTH WEDGING. G INDICATES THE GRAVITY DIRECTION. THE
DASHED LINE WITH ARROW SHOWS THE VIBRATION DIRECTION
OF PLANET 2 IN THE ABSENCE OF GRAVITY. GEAR DATA IS IN TA-
BLESHOANDEL

2"d R-P meshes increase, and tooth loads at tHh&& and %

R-P meshes decrease. The drive-side tooth load kNGit the

34 S-P mesh is 54% of the nominal one. Tooth wedging elevates
tooth loads significantly and destroys their symmetry.
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100 /h\ .
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~ / \ , [y
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gtg without tooth wedging \
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FIGURE 15. DYNAMIC PLANET BEARING FORCES ON PLANET 1

(SOLID LINE), PLANET 2 (DASHED LINE), AND PLANET 3 (DOTTED
LINE) WITH AND WITHOUT TOOTH WEDGING. twm = 34Hz As =

toward planet 1 is stopped by tooth wedging, the distance be- &r = 0.90mm OTHER GEAR DATA IS IN TABLESMAND Bl WITH
tween the sun and planet 2 is reduced. The distance between th TOOTH WEDGING, BEARING FORCES IN THE RADIAL DIRECTION
sun and planet 3 increases compared to when tooth wedging iSARE NEARLY OkN, AND BEARING FORCES IN THE TANGENTIAL

not allowed to occur. As a result, tooth loads at thé 2-P and

11

DIRECTION ARE CLOSE TO —200kN.
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FIGURE 16. DYNAMIC TOOTH FORCES AT THE (a) S-P AND (b)
R-P MESHES ON PLANET 1 (SOLID LINE), PLANET 2 (DASHED
LINE), AND PLANET 3 (DOTTED LINE) WITH wm = 34HzZ As =
Ar = 0.90mm OTHER GEAR DATA IS GIVEN IN TABLES [l AND
o ON THE HORIZONTAL AXIS INDICATES TOOTH WEDGING
PEAKS. DRIVE-SIDE TOOTH FORCES AT THE S-P AND THE R-P
MESHES ARE FLUCTUATING AROUND 112kN, AND BACK-SIDE
TOOTH FORCES ARE UP TO 66 (S-P MESHES) AND 120 (R-P
MESHES) kN.

Planet bearing failures are found in this wind turbine gear-
box. The connection between bearing failure and tooth wedg-
ing is studied by looking at the dynamic bearing reactiomcésr

when tooth wedging does and does not occur and the interac-

tion between tooth loads and bearing forces. The dynamtb too
loads and bearing forces in a carrier cycle when tooth weggin

the figures, mesh stiffness variation excitation is remonddg-
uresId and16. Shown in Figuel 15, tooth wedging at e 1
S-P mesh occurs at 0.90 carrier cycle. The radial planetrizgar
force at this mesh increases sharply at this moment becduse o
the additional back-side tooth load. Without tooth wedgihg
radial bearing forces at all planets are almost zero. At dmees
instant, the tangential bearing reaction force on plan&igufe

[[3) reaches its maximum of 75% larger than those in the absenc
of tooth wedging. This is because tooth forces increaseeat th
2"d S_-P and 29 R-P meshes (FigufelL6). The tangential bearing
reaction force on planet 3 (Figur€l15) decreases to its nimm
because tooth forces decrease at fHeS3P and §' R-P meshes
(Figure[I®). The destroyed load sharing pattern continimes s
ilarly as the carrier rotates as shown in Figlité 15. The kighl
elevated planet bearing forces, caused by the elevatiooodif t
loads from tooth wedging, can result in bearing failure.

TABLE 4. BETWEEN TOOTH AND PLANET BEARING FORCES
FOR THREE-PLANET PLANETARY GEARS. MAX=MAXIMUM,
MIN=MINIMUM, T=TANGENTIAL, R=RADIAL, BF=BEARING FORCE.

Tooth Wedging Planetl1 BF Planet2 BF Planet 3 BF

18S-PMesh  MAX(R) MAX(T)  MIN(T)
2dS.pMesh  MIN(T)  MAX(R)  MAX(T)
39S-PMesh MAX(T)  MIN(T)  MAX(R)

The mechanism of tooth wedging is analyzed by studying
planetary gear translational displacements. The rotatkidis-
placements of gear components are much less influentiabto to
wedging. The translational displacements of the sun, glaget
1, and carrier when tooth wedging occurs at the S-P and R-P
meshes are shown in Figurg 17. Translations of the ring amd su
are significant, while other component dynamic translatiare
small. This suggests the mechanics of tooth wedging can-be an
alyzed without looking at planet displacements. To develogp
explain a method to predict tooth wedging, an idealizatibn o
zero translational vibration of the carrier and planetsripased
based on the fact that their vibration is small comparedabdh
the sun and ring.

Tooth wedging occurrence at the S-P and R-P meshes is
decided by the direction and amplitude of the relative motio
between the ring and planets and between the sun and planets.
Thus, according to the idealization, tooth wedging at the R-
meshes is predicted by the ring motion. The ratitx defines
the ring direction of motion, ang); denotes the plangtloca-
tion in the carrier frame. Whew /% = tany;, the ring moves
toward planetj (given the above assumption of no planet vi-

occurs are shown in Figurgsll5 dnd 16. To remove response atbration). With the large ring motion, tooth wedging occuts a

mesh frequency that is minor in this case and impairs clafity

12

the j'" R-P mesh. FigurEZ18 shows the translational displace-
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FIGURE 17. TRANSLATIONAL DISPLACEMENTS OF THE PLAN-
ETARY GEAR WITH TOOTH WEDGING. EI‘,F[I‘ ARE THE RADIAL
AND TANGENTIAL TRANSLATIONS OF PLANETS. wyn = 34HZAND
GEAR DATA GIVEN IN TABLESAIAND Pl WHERE TOOTH WEDGING
(TW) OCCURS IS LABELED AT THE FIGURE BOTTOM (S-P MESHES)
AND AT THE FIGURE TOP (R-P MESHES).

ment of the sun and ring in a carrier cycle when tooth wedg-
ing is not modeled. At 0.42 carrier cycle (point E in Figure
@8b)y: /x = 0.87/0.50=tan(4m/3), and the ring moves toward
planet 3. If the amplitude of the ring motion is large enough
compared to the tooth radial gap, this ring motion causethtoo
wedging at the 8 R-P mesh. Tooth wedging at thé& and the
2"d R-P meshes is predicted similarly at locations F and D in
Figure[I8b. These specified tooth wedging locations at tife R-
meshes agree with the actual tooth wedging peaks (markel by
shown in Figur&l6b.

Tooth wedging at the S-P meshes also occurs in this system.
The translation of the sun is not primarily caused by the grav
ity force acting on the sun (the mass of the sun is small), but
indirectly by the vibration of the ring. Shown in Figurel 14et
ring motion toward the left-bottom (same as the gravity clire
tion) drives planet 2 to vibrate counter-clockwise (op®t its
vibration direction in the absence of gravity). At this ist, the
floating sun moves 69& umtoward planet 1 (see arrow in Fig-
ure[I3) driven by the elevated S-P tooth load at planet 2. This
large sun motion causes tooth wedging at tHeStP mesh. As
the gears rotate, the motions of the sun toward other plamets
similarly caused by the ring through reversing the rotatlon-
bration of the next adjacent planet in the sequence.

Tooth wedging at the S-P meshes is predicted by the motion
of the sun (the motions of planets are negligible). The mafias
indicates the direction of sun motion. Whgg)xs = tany;, the
sun vibrates toward plan¢so that tooth wedging may occur. At
0.22 carrier cycle (point A in Figufell8a)/xs = 0.87/(—0.5)
tan(2m/3) and the sun moves toward planet 2. Tooth wedging
occurs at the ® S-P mesh. Tooth wedging at th& and the &
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FIGURE 18. (a), Xs (SOLID LINE) AND Ys (DASHED LINE); (b), X
(SOLID LINE) AND Yy (DASHED LINE) WITHOUT TOOTH WEDGING.
wm = 34HZz GEAR DATA IS IN TABLESAIAND L TOOTH WEDGING
IS MARKED BY [.

0.2 0.8

S-P meshes is predicted at locations C and B in Figure 18a&€eThe
specified tooth wedging locations match with the actualitoot
wedging peaks at the S-P meshes shown in Figure 16a (marked
by o).

The mesh phasing rulels_117]29] 18] that reduce certain vi-
brations are derived based on the symmetry of planets and the
periodicity of the mesh forces. They can suppress certashme
frequency harmonics in the dynamic response. For the system
described in Tabldd 1 ahdl 2 with no gravity (inset of Fidurg 19
only the 3" harmonics of mesh frequency are excited in the
rotational response of the sun/ring/carrier, where 1,2, ---.

By disrupting the planet symmetry, gravity forces excite th
15t 2nd 3rd 4th and 8" harmonics of mesh frequency in the
ring’s rotation as shown in Figufe119. The mesh phasing rules
do not apply in planetary gears when gravity is significant.
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CONCLUSIONS

In this paper, a dynamic model is developed to examine the

dynamics of planetary gears, including tooth wedging lteefp-
aration, bearing clearance, mesh stiffness variationyityrax-
citation, and other external excitations. The major finding
clude:

[2] Musial, W., Butterfield, S., and McNiff, B., 2007. “Impve
ing wind turbine gearbox reliability” European Wind En-
ergy Conference, Milan, ItalWREL/CP-500-41548May.

[3] Peeters, J. L. M., Vandepitte, D., and Sas, P., 2006 utStr
tural analysis of a wind turbine and its drive train using the
flexible multibody simulation techniqueProceedings of
ISMA, pp. 3665-3679.

[4] Peeters, J. L. M., Sas, P., and Vandepitte, D., 2006. FAna
ysis of internal drive train dynamics in a wind turbine.”.
Wind Energy9, pp. 141-161.

[5] Schlecht, B., and Gutt, S., 2002. “Multibody-system-
simulation of drive trains of wind turbines”Fifth World
Congress on Computational Mechanitenna, Austrilia.

[6] Blankenship, G. W., and Kahraman, A., 1996. “Gear dy-
namics experiments, part-i: characterization of forced re
sponse.” ASME Power Transmission and Gearing Confer-
ence, San Diego

[7] Kahraman, A., and Blankenship, G. W., 1996. “Gear dy-
namics experiments, part ii: effect of involute contact ra-
tio”. ASME Power Transmission and Gearing Conference,
San Diego

[8] Kahraman, A., and Blankenship, G. W., 1996. “Gear dy-
namics experiments, part-iii: effect of involute tip réfie
ASME Power Transmission and Gearing Conference, San
Diego.

[9] Botman, M., 1976. “Epicyclic gear vibrationsJournal of
Engineering for Industry97, pp. 811-815.

Tooth wedging elevates planet bearing forces dramatically [10] Ambarisha, V. K., and Parker, R. G., 2007. *“Nonlinear

and destroys load sharing among planets. Tooth wedging is a

possible source of bearing failure. For the wind turbindesys
modeled in this paper, the results show significant toothgivey

In general, tooth wedging is prone to occur in planetary gear
with a heavy component.

Tooth wedging is the combined effect of gravity and bearing
clearance nonlinearity. Bearing clearance admits gréaesla-
tional vibration. Gravity is the dominant excitation soeicaus-
ing the large motions that lead to tooth wedging. For plawyeta

gears with one or more heavy components, the fundamental im-

pact of gravity highlights the need to model gravity in sugh-s
tems.

The mechanics of gravity driven gear motions lead to guide-
lines that predict when tooth wedging occurs. The guidsline
apply when any of the ring, sun, or carrier is the heavy compo-
nent. Gravity disrupts the planet symmetry and thus breads t
mesh phasing rules that can reduce planetary gear vibriation
selected harmonics of mesh frequency.
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